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ABSTRACT 
 

This study investigates the influence of design parameters on the performance of a terracotta tube-
type evaporative cooling system. A mathematical model was developed based on double film theory 
and energy and mass conservation equations of the humid air and the wet tube wall in a one-
dimensional geometry by applying correlations for heat and mass transfer coefficients and air 
psychometric properties. A system of non-linear differential equations was established and 
analytically integrated to obtain the relationship between the operating and the geometrical 
parameters of the system. Various geometrical parameters were simulated to assess their effects 
on outlet air temperature, cooling capacity, and wet-bulb effectiveness. The results indicate that 
increasing the tube equivalent diameter results in higher outlet temperatures and cooling capacity 
but decreases wet-bulb effectiveness. Conversely, an increased flatness ratio significantly 
enhances cooling performance and wet-bulb effectiveness due to a larger surface area for heat 
exchange. Additionally, longer tubes correlate with lower outlet temperatures and higher cooling 
capacity, indicating improved cooling performance. These findings emphasize the importance of 
selecting appropriate tube dimensions to optimize cooling efficiency in evaporative cooling systems. 
By balancing hydraulic diameter, flatness ratio, and tube length, engineers can design compact and 
effective cooling solutions suitable for various applications, ultimately contributing to energy-efficient 
and sustainable cooling technologies. The modeling approach developed in this study can also be 
applied to address challenges in geothermal energy extraction, drying of porous solids, food 
processing and storage, building thermal insulation, nuclear reactor cooling, and seawater 
desalination. 
 

 

Keywords: Mathematical modeling; porous terracotta tube; direct evaporative cooling; tubular heat; 
mass exchanger. 

 

1. INTRODUCTION 
 
As global temperatures continue to rise and 
urbanization accelerates, the demand for energy-
efficient cooling solutions has never been more 
critical [1]. Traditional air conditioning systems, 
while effective, contribute significantly to energy 
consumption and greenhouse gas emissions [2]. 
In regions with hot and dry climates, space 
cooling accounts for over 50% of total building 
energy use [3]. Developing energy-efficient air-
conditioning technologies is essential for 
reducing this consumption. Evaporative cooling 
(EC), which uses the latent heat from water 
evaporation to cool air, is a promising alternative 
to traditional vapor compression systems due to 
their energy efficiency and environmental 
sustainability [4]. EC systems primarily consume 
energy through pumps and fans, indicating 
potential for significant energy savings [5]. The 
wet media is an essential component in an EC 
system [6]. 
 
Terracotta, a porous ceramic material, has 
garnered attention for its potential in evaporative 
cooling applications due to its unique properties. 
The material's thermal mass and porosity can 
enhance heat and mass transfer processes, 
making it an attractive choice for evaporative 
cooling systems. Due to its high porosity, low 

density, large specific surface area, and high 
thermal conductivity [7], porous ceramic 
enhances EC performance in several ways. 
Firstly, its porosity and capillary action improve 
surface hydrophilicity, enhancing wettability. 
Secondly, its large specific surface area 
increases the contact between the working air 
and the water film. Thirdly, the porous structure 
acts as a water reservoir, allowing for intermittent 
rather than continuous water spraying, which 
reduces the energy consumption of the 
circulating pump [8]. Among the various shapes 
of porous ceramic media, hollow clay tubes 
arranged to form a bundle also gain popularity as 
an evaporative cooling medium. Early research 
in porous ceramic tubular evaporative cooling 
focuses on cross-flow semi-indirect 
configurations [9,10]. Except for Semi-IEC, the 
integration of porous ceramic tubes with heat 
pipes (HP) for indirect evaporative cooling 
systems has also been extensively investigated. 
The use of porous ceramic tubes allows for 
effective heat and mass transfer, while heat 
pipes can provide efficient heat recovery for 
sensible cooling applications. For instance, Amer 
and Boukhanouf [11] conducted an experimental 
investigation to evaluate the effect of various 
operation conditions on a novel heat pipe and 
ceramic tube-based evaporative cooler. Their 
cooler was able to drop the inlet air temperature 
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by 12℃, and a wet bulb effectiveness of 86% 
was achievable. More recently, Rajski et al. [12] 
developed a mathematical model to investigate 
the performance of gravity-assisted heat pipe-
based indirect evaporative cooler (GAHP-based 
IEC). They state that the proposed cooler can be 
used as a complementary device to conventional 
HVAC systems. By modeling the heat and mass 
transfer dynamics within wet terracotta tube 
channels, researchers can elucidate the 
influence of various geometrical parameters, 
such as tube diameter, length, and flatness ratio, 
on the overall cooling performance.  
 
Several studies have explored the impact of tube 
geometry on evaporative cooling efficiency. 
Adam et al. [13] performed analysis of indirect 
evaporative cooler performance under various 
heat and mass exchanger dimensions and flow 
parameters and found that the optimal 
dimensions that give good efficiency in climates 
with moderate humidity, the length of the duct 
should be between 0.6 to 1.0 m, the width of the 
channel between 0.3 to 0.5 m, and the channel 
gap between 0.004 to 0.008 m. Similarly, Sun et 
al. [14] reported that increasing the equivalent 
diameter of porous ceramic pipes in an indirect 
evaporative cooler resulted in lower outlet 
temperatures and higher wet-bulb effectiveness. 
Sulaiman and Adham [15] developed a numerical 
model to investigate four new geometries of heat 
and mass exchanger for dew point evaporative 
cooling and their performance is compared to 
that of the commonly used flat plate and 
corrugated plate exchangers. The analysis 
revealed that the circular concentric tube 
exchanger, under certain operating conditions 
produced the lowest air temperature and the 
highest wet bulb and dew point effectiveness 
while the triangular tube exchanger achieved the 
highest cooling capacity and coefficient of 
performance. 
 
Recent research has largely focused on round 
tubular EC, but flat tubular variants, which offer 
several advantages, have not been as thoroughly 
investigated. Unlike round tubular ECs, flat 
tubular ECs provide superior wetting 
characteristics, leading to better formation of 
water films and more efficient use of water's 
latent heat. Additionally, flat tubular ECs lead to 
more compact systems rather than round tubular 
configuration. These advantages have made flat 
tubular ECs a growing area of interest. Hasan 
and Sirén [16] provides a comprehensive 
overview of evaporative cooling systems, 
highlighting the advantages of flat tubular 

configurations in terms of surface area and heat 
exchange efficiency. The increased surface area 
in flat tubes facilitates better contact between the 
air and the wetted surface, leading to enhanced 
evaporative cooling performance, particularly in 
hot and dry climates.  Liu et al. [17] developed a 
direct-expansion ice thermal storage system that 
incorporates a multi-channel flat-tubular 
evaporator, analyzing key factors to enhance 
system performance. Existing studies have 
explored the impact of geometric parameters on 
the cooling performance of Terracotta Tubular 
ECs (TTEC) through experimental testing and 
numerical simulations. Despite these 
advancements, existing studies still lack 
efficiency and effectiveness in evaluating and 
predicting TTEC performance. Optimization 
strategies for this kind of cooler remain 
underexplored, and there is a pressing need for 
direct, pragmatic approaches for its performance 
evaluation. To date, no research has developed 
performance prediction models for TTEC using 
analytical methods or engaged in comprehensive 
multi-objective optimization. 
 
This study focuses on the innovative application 
of wet terracotta tube channels in evaporative 
cooling systems, where the unique properties of 
terracotta such as its thermal mass and porosity 
can enhance heat and mass transfer processes. 
By modeling the heat and mass transfer 
dynamics within these tube channels, we aim to 
elucidate the influence of various geometrical 
parameters, including tube diameter, length, and 
flatness ratio, on the overall cooling performance. 
Understanding the intricate relationship between 
these geometrical factors and system efficiency 
is essential for optimizing the design of terracotta 
tube-based evaporative coolers. As we delve into 
the modeling of these systems, we not only seek 
to advance the scientific understanding of heat 
and mass transfer in porous materials but also to 
contribute to the development of more efficient 
and sustainable cooling technologies. This 
research holds the potential to inform the design 
of next-generation evaporative cooling systems 
that can significantly reduce energy consumption 
while providing effective climate control in a 
variety of applications, particularly in hot and arid 
regions. 
 

2. MATERIALS AND METHODS 
 

2.1 Geometric Parameters of the Tubular 
Heat and Mass Exchanger 

 

The heat and mass exchanger geometry is 
shown in Fig. 1. 
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To characterize the geometry of this type of  heat 
and mass exchanger, three parameters are 
essential: tube short axis (a), tube long axis 
(a+b), and tube length (L). The other parameters 
namely, perimeter (P), cross-section area (𝐴𝑐),  

exchange surface area (𝐴𝑤), tube Flatness Ratio 

(𝑅𝐹), and characteristic length (represented by 
hydraulic diameter (𝐷𝐻) or equivalent  diameter 

(𝐷𝑒), are derived using specific formulas.  
 

▪ Perimeter: 
 

P=πa+2b         (1) 
 

▪ Cross-section area: 
 

𝐴𝑐 =
𝑎2𝜋

4
+ 𝑎𝑏 

 

(2) 

▪ Wet surface area: 
 

The wet surface area is computed using eq. (3)  
 

Aw=L[πa+2b] (3) 
 

▪ Hydraulic and equivalent diameters: 
 

Before determining the heat and mass transfer 
coefficients, it is necessary to establish an 
appropriate Reynolds number for the flat tube 
geometry. For air flowing through non-circular 
tubes, usually, the hydraulic diameter is used for 
Reynolds number calculations, which is: 
determining the heat and mass transfer 
coefficients, it is necessary to establish an 
appropriate Reynolds number for the flat tube 
geometry. For air flowing through non-circular 
tubes, usually, the hydraulic diameter is used for 
Reynolds number calculations, which is:  
 

𝐷𝐻 =
4𝐴𝑐

𝑃
 

(4) 

However, as mentioned by Cheng et al.by[18], 
for non-circular channels, using equivalent 
diameters instead of hydraulic diameters in the 
flow analysis is recommended. Using the 
equivalent diameter allows for keeping the same 
mass flow rate of air in the equivalent tube as 
that in the flat tube. Hence, in this study, the 
equivalent diameter is treated as the 
characteristic diameter for the flat tube. Its 
expression is given by: 

𝐷𝑒 = √
4𝐴𝑐

𝜋
 

 

(5) 

▪ Tube Flatness Ratio (FR) 
 

The tube flatness ratio is defined as the ratio of 
the tube's long axis and the tube's short axis: 
 

𝑅𝐹 =
𝑎 + 𝑏

𝑎
 

(6) 

 

When the equivalent diameter and the flatness 
ratio are known, a and b can be determined by 
solving the equation below: 
 

𝐴𝑐 =
𝜋𝐷𝑒

2

4
=

𝑎2𝜋

4
+ 𝑎𝑏 

(7) 

 

For 𝑅𝐹 = 1 →  𝑏 = 0  𝑎𝑛𝑑 𝑎 =  𝐷𝑒 →
𝑡ℎ𝑖𝑠 𝑐𝑜𝑟𝑟𝑒𝑠𝑝𝑜𝑛𝑑 𝑡𝑜 𝑡ℎ𝑒 𝑐𝑖𝑟𝑐𝑢𝑙𝑎𝑟 𝑡𝑢𝑏𝑒 
 

For  𝑅𝐹 = 2 →  𝑏 = 𝑎  𝑎𝑛𝑑 𝑎 =

 𝐷𝑒√(𝜋/4)/(1 + 𝜋/4)) 

 
For  𝑅𝐹 = 3 →  𝑏 = 2𝑎  𝑎𝑛𝑑 𝑎 =

 𝐷𝑒√(𝜋/4)/(2 + 𝜋/4)) 

 
For  𝑅𝐹 = 4 →  𝑏 = 3𝑎  𝑎𝑛𝑑 𝑎 =

 𝐷𝑒√(𝜋/4)/(3 + 𝜋/4)) 

 
The geometric dimensions of the tubes are listed 
in Table 1. 

 

 
 

Fig. 1. Baked clay tube heat and mass exchanger geometry 
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Table 1. Geometric dimensions of the tube 
 

Tube De (mm) a (mm) b (mm) Pw (mm) Ac (mm2) Dh (mm) RF 

Round 15 15 0 47.12 176.71 15 1 
AR2 15 9.95 9.95 51.15 176.71 13.82 2 
AR3 15 7.96 15.93 56.88 176.71 12.43 3 
AR4 15 6.83 20.50 62.46 176.71 11.32 4 

 

 
 

Fig. 2. Physical model of the heat and mass exchanger 
 

Table 1 shows that the equivalent diameter is 
larger than the hydraulic diameter with increasing 
differences at higher flatness ratios. 
 

2.2 Description of the Physical Model 
 

The physical description of the tubular heat and 
mass exchanger involves a control volume where 
heat and mass conservation laws are applied to 
analyze the cooling process. The system 
features a porous tube that allows water to seep 
through via capillary action, moving toward the 
inner surface, and evaporates in contact with hot 
dry air flowing inside the tube, creating a cooling 
effect at the tube-air interface. The basic heat 
and mass exchange process diagram is shown in 
Fig. 2. 
 

2.3 Simplifying Assumptions 
 

In the following analysis, it is assumed that: 
 

▪ Heat and mass are transferred 
perpendicularly through the channel walls; 

▪ Within the air streams, the convective heat 
transfer is considered the dominant 
mechanism for heat transfer;  

▪ The interior surface of the tube’s wall is 
completely and continuously wet; 

▪ All outside boundaries are adiabatic; 

▪ Tube-air interface temperature is assumed 
identical to the wet bulb temperature of the 
intake air; 

▪ Air is treated as an incompressible gas and 
the velocity and properties of the supply air 
are considered to be uniform in a 
differential control volume; 

▪ No condensation happens in the air 
channel;  

▪ The heat and mass transfer coefficients 
are constant in a differential control 
volume. 

 

By employing these assumptions, the 
mathematical model of the evaporative cooler 
can now be derived from energy and mass 
conservation equations. 
 

2.4 Governing Equations 
 

The physical model is divided into numerous 
control volumes with an infinitesimal wet surface 

area of |𝐴𝑤.
𝑑𝑥

𝐿
|. A set of differential equations is 
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established for one control volume using the 
energy and mass conservation laws. Fig. 3 
shows an elementary control volume of length dx 
with three zones: the wet clay tube zone (SCV1), 
the airflow zone, and the tube-air interface zone 
(SCV2). The wet clay tubes exchange sensible 

heat 𝑑𝑄𝑤𝑓 and latent heat 𝑖𝑤𝑓𝑑𝑚𝑤 with the 

interface through the tubes’ walls. It is also 
indicated that the interface draws part of its 

evaporation energy 𝑑𝑄𝑎𝑓 from the process air. 

The water vapor produced is then absorbed by 
the process air as a form of latent heat 𝑖𝑣𝑓𝑑𝑚̇𝑣.  

 

Let 𝑑𝑚𝑒 be the evaporation rate, 𝜛 the specific 

humidity of clay tubes, and 𝜔𝑎 the specific 
humidity of process air: 
   

𝜛𝑡 =  
𝑚𝑤

𝑚𝑡

 (8) 

  

𝜔𝑎 =  
𝑚̇𝑣

𝑚̇𝑎

 
(9) 

 
Considering the heat and mass transfer process 
at the water-air interface of the evaporative 
cooling system, the general energy and mass 
conservation equations are given below: 
 
The mass balance across each control volume is 
given by: 
 
For the dry air  
 

𝑑𝑚̇𝑎 =  0   (10) 

 
For the dry tube 

 
𝑑𝑚𝑡 = 0 (11) 

 
For the liquid water 
 

𝑑𝑚𝑤 = 𝑚𝑡𝑑𝜛𝑡 = −𝑑𝑚𝑒 (12) 

 
For the water vapor 

 
𝑑𝑚̇𝑣 = 𝑚̇𝑎𝑑𝜔𝑎 =  𝑑𝑚𝑒  (13) 

 
The mass balance of the elementary control 
volume comprising all the fluids is written as: 

 
𝑑𝑚𝑡 + 𝑑𝑚𝑤 + 𝑑𝑚̇𝑎 + 𝑑𝑚̇𝑣 = 0 (14) 

 
Carrying eqs (10),(11),(12), and (13) into eq. 
(14), we find:  
 

𝑚𝑡𝑑𝜛𝑡 = −𝑚̇𝑎𝑑𝜔𝑎  (15) 

 
If 𝑖𝑡 , 𝑖𝑤 , 𝑖𝑎𝑎𝑛𝑑 𝑖𝑣, are the enthalpies of dry tubes, 
water, dry air and water vapor respectively, by 
neglecting heat exchange with the environment 
and variations in kinetic and potential energies, 
the energy balance for each sub-control volume 
is: 
 

𝐶𝑉1:  𝑑(𝑚𝑡𝑖𝑡) + 𝑑(𝑚𝑤𝑖𝑤)
=  −𝑑𝑄𝑤𝑓 − 𝑖𝑤𝑓𝑑𝑚𝑒  

(16) 
 

𝐶𝑉2:  𝑑(𝑚̇𝑎𝑖𝑎) + 𝑑(𝑚̇𝑣𝑖𝑣)
=  −𝑑𝑄𝑎𝑓 + 𝑖𝑣𝑓𝑑𝑚𝑒  

(17) 

 

Where 𝑖𝑤𝑓 and 𝑖𝑣𝑓 are the specific enthalpies of 

the water and the water vapor evaluated at the 

wet surface-air interface temperature 𝑇𝑓. 

 
 𝑖𝑤𝑓 = 𝑐𝑝𝑤𝑇𝑓  (18) 

 

 𝑖𝑣𝑓 = 𝑖0 + 𝑐𝑝𝑣𝑇𝑓  (19) 

 
Where 𝑖0 is the latent heat of vaporization of 
water at 0 oC. 
 
The energy balance of the elementary control 
volume comprising all the fluids is written as: 
 

𝑑(𝑚𝑡𝑖𝑡) + 𝑑(𝑚𝑤𝑖𝑤) + 𝑑(𝑚̇𝑎𝑖𝑎) + 𝑑(𝑚̇𝑣𝑖𝑣)
= 0 

(20) 

 
Carrying eqs (16)&(17) into eq.(21), we find: 
 

𝑑𝑄𝑤𝑓 + 𝑑𝑄𝑎𝑓 = (𝑖𝑣𝑓  − 𝑖𝑤𝑓)𝑑𝑚𝑒 (21) 

 
We assume that the water vapor produced at the 
wet surface-air interface is saturated at water film 
temperature (𝑇𝑓), which means that equilibrium 

between the liquid and vapor phases is 
established at the interface, so the previous 
expression takes the form: 
 

𝑑𝑄𝑤𝑓 + 𝑑𝑄𝑎𝑓 = 𝑖𝑓𝑔𝑑𝑚𝑒  (22) 

 

Where 𝑖𝑓𝑔 is the latent heat of the vaporization of 

water at the water film temperature. 
 

Eq.(22) indicates that the net sensible heat flux 
at the water-air interface represents the energy 
required for the evaporation process. 
 

𝑖𝑓𝑔 = 𝑖0 + (𝑐𝑝𝑣 − 𝑐𝑝𝑤)𝑇𝑓  (23) 

 

The value of 𝑖𝑓𝑔 is can be calculated with a 

relative error of less than 1% by the following 
formula valid between 0 and 180°C[19]:  
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𝑖𝑓𝑔 = 2501.6 − 2.18𝑇𝑓 (𝑘𝐽. 𝑘𝑔−1) (24) 

Where  𝑇𝑓 is the water film temperature.  

 
The equations established previously are written 
in terms of flows of mass and heat, and now 
these same flow equations will be expressed in 
terms of transfer potentials.  
 
Vapor density gradients are responsible for mass 
transfer. The mass flow between the interface 
and the airstream is defined by the relationship: 
 

𝑑𝑚𝑒 = ℎ𝑚(𝜌𝑣𝑓 − 𝜌𝑣)
𝐴𝑤

𝐿
𝑑𝑥 

(25) 

 
Where 𝜌

𝑣
 is the partial density of the water vapor 

in air and 𝜌
𝑣𝑓

 is the partial density of the 

saturated water vapor at 𝑇𝑓 and is, therefore, a 

function of 𝑇𝑓: 𝜌
𝑣𝑓

= 𝑓(𝑇𝑓) and in which, ℎ𝑚 is the 

mass transfer coefficient. 𝜌
𝑣

(𝑇) is linked to the 

specific humidity by eq.(26). 
 

𝜌𝑣 =  𝜌𝑎𝜔𝑎 (26) 

 
Where 𝜌

𝑎
 is the density of the dry air. Since the 

partial density of water vapor is proportional to 
the moisture content of the air, the difference 
between the moisture content of the saturated air 
at the interface and that of the passing air is the 
driving force for water evaporation in the wet 
channel. Then, eq. (25) can be rewritten as 
follows:  
 

𝑑𝑚𝑒 = 𝜌𝑎ℎ𝑚(𝜔𝑣𝑠 − 𝜔𝑎)
𝐴𝑤

𝐿
𝑑𝑥 

(27) 

 
Where 𝜔𝑎 is the moisture content of the air 

(𝑘𝑔/𝑘𝑔𝑎𝑠) and 𝜔𝑣𝑠 is the moisture content of 
saturated air close to the wet surface. 𝜔𝑣𝑠 is 
evaluated at water film temperature using eq. 
(28)[20]. 
 

𝜔𝑣𝑠(𝑇𝑓) = 0.622
𝑃𝑣𝑠(𝑇𝑓)

101325 − 𝑃𝑣𝑠(𝑇𝑓)
 

(28) 

 

In which 𝑃𝑣𝑠(𝑇𝑓) is the saturated vapor pressure 

calculated at wet surface temperature 𝑇𝑓 and 

whose correlation expression is given by[21].  
 
The mass change for each sub-control volume 
can be rewritten as follows:  
 

𝑚𝑡𝑑𝜛𝑡

𝑑𝑡
= −𝜌𝑎ℎ𝑚(𝜔𝑣𝑠 − 𝜔𝑎)

𝐴𝑤

𝐿
𝑑𝑥 

(29) 
 
 

 

𝑚̇𝑎𝑑𝜔𝑎 =  𝜌𝑎ℎ𝑚(𝜔𝑣𝑠 − 𝜔𝑎)
𝐴𝑤

𝐿
𝑑𝑥 

(30) 

 
In a similar way to mass transfer, temperature 
gradients are the potentials that cause heat 
transfer. The enthalpy change for each sub-
control volume can be rewritten as follows: 
 

𝑑(𝑚𝑡𝑖𝑡) + 𝑑(𝑚𝑤𝑖𝑤) = 𝑚𝑡𝑑𝑖𝑡 + 𝑖𝑡𝑑𝑚𝑡 + 𝑖𝑤𝑑𝑚𝑤

+ 𝑚𝑤𝑑𝑖𝑤 
(31) 
 

  
𝑑(𝑚̇𝑎𝑖𝑎) + 𝑑(𝑚̇𝑣𝑖𝑣)

= 𝑖𝑎𝑑𝑚̇𝑎 + 𝑚̇𝑎𝑑𝑖𝑎 + 𝑖𝑣𝑑𝑚̇𝑣

+ 𝑚̇𝑣𝑑𝑖𝑣  

(32) 

 
𝑑(𝑚𝑡𝑖𝑡) + 𝑑(𝑚𝑤𝑖𝑤) = 𝑚𝑡(𝑐𝑝𝑡 + 𝜛𝑡𝑐𝑝𝑤)𝑑𝑇𝑤

+ 𝑐𝑝𝑤𝑇𝑤𝑑𝑚𝑤 
(33) 
 

  
𝑑(𝑚̇𝑎𝑖𝑎) + 𝑑(𝑚̇𝑣𝑖𝑣)

= 𝑚̇𝑎(𝑐𝑝𝑎 + 𝜔𝑎𝑐𝑝𝑣)𝑑𝑇𝑎 + (𝑖0

+ 𝑐𝑝𝑣𝑇𝑎)𝑑𝑚̇𝑣 

(34) 

 
The heat fluxes transferred between subsystem 
CV2 and the interface, and between subsystem 
CV1 and the interface, are respectively defined 
by the relationships: 
 

𝑑𝑄𝑤𝑓 = 𝑘𝑤(𝑇𝑤 −  𝑇𝑓 )
𝐴𝑤

𝐿
𝑑𝑥 

(35) 
 

𝑑𝑄𝑎𝑓 = ℎ𝑎(𝑇𝑎 − 𝑇𝑓 )
𝐴𝑤

𝐿
𝑑𝑥 

(36) 

 
Where ℎ𝑎 is the convective heat transfer 
coefficient between air and the interface. For the 
flowing air condition, ℎ𝑎 is a function of air flow 
rate and channel characteristics. 𝐴 is the total 

internal surface area of a tube, and 𝐿 is the tube 

length. 𝑘𝑤 is the total heat transfer coefficient 
between the whole system's thermal mass and 
the interface and is defined as follows: 
 

𝑘𝑤 =
1

1
ℎ𝑤𝑡

+
𝛿

𝜆𝑤𝑡

 
  
(37) 

 
Where ℎ𝑤𝑡 represents the convective heat 
transfer coefficient between the refrigerant water 

and the tube's external wall. 𝛿 and 𝜆𝑤𝑡 represent 

the thickness and thermal conductivity of wet 
channel walls respectively. The porous ceramic 
wall is saturated with water and its thermal 
conductivity should take into account both the dry 
ceramic and water thermal conductivities. This is 
computed as follows: 



 
 
 
 

Windnigda et al.; Phys. Sci. Int. J., vol. 28, no. 6, pp. 1-20, 2024; Article no.PSIJ.123693 
 
 

 
8 
 

 

𝜆𝑤𝑡 =
𝜆𝑤[𝜆𝑤 + 𝜆𝑡 − (1 − 𝜎)(𝜆𝑤 − 𝜆𝑡)]

𝜆𝑤 + 𝜆𝑡 + (1 − 𝜎)(𝜆𝑤 − 𝜆𝑡)
 

   (38) 

 

𝜆𝑡  is the thermal conductivity of the dry ceramic container and 𝜎 is the ceramic container’s porosity. 

𝜆𝑤 is the thermal conductivity of water. 
 
Finally, by substituting the heat and mass flow expressions in eqs (16), (17), and (21) by their 
corresponding heat and mass transfer expressions, we obtain the following relationship: 
 

𝑚𝑡(𝑐𝑝𝑡 + 𝜛𝑡𝑐𝑝𝑤)𝑑𝑇𝑤

𝑑𝑡
+ 𝑘𝑤(𝑇𝑤 −  𝑇𝑓  )

𝐴𝑤

𝐿
𝑑𝑥 − 𝑐𝑝𝑤(𝑇𝑤 − 𝑇𝑓)𝑑𝑚𝑒 = 0 

    (39) 
 
 

𝑚̇𝑎(𝑐𝑝𝑎 + 𝜔𝑎𝑐𝑝𝑣)𝑑𝑇𝑎 + ℎ𝑎(𝑇𝑎 −  𝑇𝑓  )
𝐴𝑤

𝐿
𝑑𝑥 + 𝑐𝑝𝑣(𝑇𝑎 − 𝑇𝑓)𝑑𝑚𝑒 = 0 

     (40) 
 
 

𝑘𝑤(𝑇𝑤 −  𝑇𝑓  ) + ℎ𝑎(𝑇𝑎 −  𝑇𝑓  ) =  𝜌𝑎ℎ𝑚𝑖𝑓𝑔(𝑇𝑓)(𝜔𝑣𝑠 − 𝜔𝑎)      (41) 

 
The above equations can also be combined into a system of five differential equations as follows: 
 

{
𝑑𝜛𝑡

𝑑𝑡
= −

𝜌
𝑎
ℎ𝑚𝐴𝑤𝑑𝑥

𝑚𝑡𝐿
(𝜔𝑣𝑠 − 𝜔𝑎) 

𝑑𝜔𝑎

𝑑𝑥
=

𝐴𝑤𝜌
𝑎
ℎ𝑚

𝐿𝑚̇𝑎

(𝜔𝑣𝑠 − 𝜔𝑎) 
𝑑𝑇𝑤

𝑑𝑡

=
[−𝑘𝑤 + 𝑐𝑝𝑤𝜌

𝑎
ℎ𝑚(𝜔𝑣𝑠 − 𝜔𝑎)]𝐴𝑤𝑑𝑥

𝑚𝑡(𝑐𝑝𝑡 + 𝜛𝑡𝑐𝑝𝑤)𝐿
(𝑇𝑤 − 𝑇𝑓)  

𝑑𝑇𝑎

𝑑𝑥

= −
[ℎ𝑎 + 𝑐𝑝𝑣𝜌

𝑎
ℎ𝑚(𝜔𝑣𝑠 − 𝜔𝑎)]𝐴𝑤

𝑚̇𝑎(𝑐𝑝𝑎 + 𝜔𝑎𝑐𝑝𝑣)𝐿
(𝑇𝑎 − 𝑇𝑓) 𝑘𝑤(𝑇𝑤 −  𝑇𝑓 ) + ℎ𝑎(𝑇𝑎 −  𝑇𝑓 )

=  𝜌
𝑎
ℎ𝑚𝑖𝑓𝑔(𝑇𝑓)(𝜔𝑣𝑠 − 𝜔𝑎)   

        (42) 

 

Analytical model development: This system describes the heat and mass transfer process in the 
cooler at unsteady-state conditions. Studying such a system would involve solving these equations 
simultaneously to examine the evolution of the system and the impact of the initial and operating 
parameters. Unfortunately, it is a system of nonlinear equations that cannot be solved numerically by 
the finite difference method. Nevertheless, at steady-state conditions, this system is reduced to three 
main equations that can be combined and integrated to obtain an analytical solution. In the absence 
of heat extraction from the system thermal mass (water-tube assembly), and without heat addition 
from any external source, the system becomes adiabatic, open and the process evolves in a steady 
state for heat and mass transfer. At steady state conditions, the whole thermal mass of the system is 
in thermal equilibrium with the tube-air interface. In this case, the recirculating water and the interface 
are at the same temperature, and this temperature is that of the wet bulb temperature of the inlet air. 
Hence, at a steady state, the energy required to sustain the evaporation is exclusively provided by the 
convective heat transfer from the air flowing inside the tube channels. Therefore eq. (39) disappears 
and eq. (41) is simplified to: 
 

ℎ𝑎(𝑇𝑎 −  𝑇𝑤𝑏 ) =  𝜌𝑎ℎ𝑚𝑖𝑓𝑔(𝑇𝑓)(𝜔𝑣𝑠 − 𝜔𝑎)     (43) 

 
Therefore, at a steady state, the cooler is described by the following set of equations: 
 

{

𝑑𝜛𝑡

𝑑𝑡
= −

𝜌𝑎ℎ𝑚𝐴𝑤𝑑𝑥
𝑚𝑡𝐿

(𝜔𝑣𝑠 − 𝜔𝑎)                                                           

𝑑𝜔𝑎

𝑑𝑥
=

𝐴𝑤𝜌𝑎ℎ𝑚

𝐿𝑚̇𝑎
(𝜔𝑣𝑠 − 𝜔𝑎)                                                                      

                         

𝑑𝑇𝑎

𝑑𝑥
= −

[ℎ𝑎 + 𝑐𝑝𝑣𝜌𝑎ℎ𝑚(𝜔𝑣𝑠 − 𝜔𝑎)]𝐴𝑤

𝑚̇𝑎(𝑐𝑝𝑎 + 𝜔𝑎𝑐𝑝𝑣)𝐿
(𝑇𝑎 − 𝑇𝑤𝑏)                            

ℎ𝑎(𝑇𝑎 − 𝑇𝑤𝑏  ) =  𝜌𝑎ℎ𝑚𝑖𝑓𝑔(𝜔𝑣𝑠 − 𝜔𝑎)                                        
    

     (44) 

 
Determination of the exchange surface area: Eqs. (43)&(44) are combined and integrated to 
determine the wet surface area as a function of the inlet and outlet air temperatures, air physical 
properties, air mass flow rate, and heat and mass transfer coefficients. From eq.(43): 
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ℎ𝑎(𝑇𝑎 −  𝑇𝑤𝑏  )

𝑖𝑓𝑔

=  𝜌𝑎ℎ𝑚(𝜔𝑣𝑠 − 𝜔𝑎) 
      (45) 
 
 

𝜔𝑎 =  (
𝑖𝑓𝑔𝜌𝑎ℎ𝑚𝜔𝑣𝑠 − ℎ𝑎(𝑇𝑎 −  𝑇𝑤𝑏  )

𝑖𝑓𝑔𝜌𝑎ℎ𝑚

) 
      (46) 

 
From eq.(44):  
 

𝑑𝑇𝑎

𝑑𝑥
= −

[ℎ𝑎 + 𝑐𝑝𝑣𝜌𝑎ℎ𝑚(𝜔𝑣𝑠 − 𝜔𝑎)]𝐴𝑤

𝑚̇𝑎(𝑐𝑝𝑎 + 𝜔𝑎𝑐𝑝𝑣)𝐿
(𝑇𝑎 − 𝑇𝑤𝑏) 

     (47) 

 
Replacing the specific humidity of air (𝜔𝑎) in eq.(40) with its expression in equation (39) gives: 
 

𝑑𝑇𝑎

𝑑𝑥
= −

ℎ𝑎[𝑖𝑓𝑔 + 𝑐𝑝𝑣(𝑇𝑎 −  𝑇𝑤𝑏  )]𝐴𝑤(𝑇𝑎 − 𝑇𝑤𝑏)

𝑖𝑓𝑔

𝑚̇𝑎𝐿 (
𝑖𝑓𝑔𝜌𝑎ℎ𝑚𝑐𝑝𝑎 + 𝑐𝑝𝑣𝑖𝑓𝑔𝜌𝑎ℎ𝑚𝜔𝑣𝑠 − 𝑐𝑝𝑣ℎ𝑎(𝑇𝑎 − 𝑇𝑤𝑏  )

𝑖𝑓𝑔𝜌𝑎ℎ𝑚
)

 

     (48) 

 

𝑑𝑇𝑎

𝑑𝑥
= −

𝐴𝑤𝜌𝑎ℎ𝑚ℎ𝑎[𝑖𝑓𝑔 + 𝑐𝑝𝑣(𝑇𝑎 − 𝑇𝑤𝑏  )](𝑇𝑎 − 𝑇𝑤𝑏)

𝑚̇𝑎𝐿𝑖𝑓𝑔𝜌𝑎ℎ𝑚𝑐𝑝𝑎 + 𝑚̇𝑎𝐿𝑐𝑝𝑣𝑖𝑓𝑔𝜌𝑎ℎ𝑚𝜔𝑣𝑠 − 𝑚̇𝑎𝐿𝑐𝑝𝑣ℎ𝑎(𝑇𝑎 − 𝑇𝑤𝑏  )
 

     (49) 

 

𝑑𝑇𝑎

𝑑𝑥
= −

𝐴𝑤𝜌𝑎ℎ𝑚ℎ𝑎𝑖𝑓𝑔(𝑇𝑎 − 𝑇𝑤𝑏) + 𝐴𝑤𝜌𝑎ℎ𝑚ℎ𝑎𝑐𝑝𝑣(𝑇𝑎 −  𝑇𝑤𝑏  )2

𝑚̇𝑎𝐿𝑖𝑓𝑔𝜌𝑎ℎ𝑚𝑐𝑝𝑎 + 𝑚̇𝑎𝐿𝑐𝑝𝑣𝑖𝑓𝑔𝜌𝑎ℎ𝑚𝜔𝑣𝑠 − 𝑚̇𝑎𝐿𝑐𝑝𝑣ℎ𝑎(𝑇𝑎 − 𝑇𝑤𝑏  )
 

      (50) 

 
𝑑𝑇𝑎[𝑖𝑓𝑔𝜌𝑎ℎ𝑚(𝑐𝑝𝑎 + 𝑐𝑝𝑣𝜔𝑣𝑠) − 𝑐𝑝𝑣ℎ𝑎(𝑇𝑎 − 𝑇𝑤𝑏  )]

𝑖𝑓𝑔(𝑇𝑎 − 𝑇𝑤𝑏) + 𝑐𝑝𝑣(𝑇𝑎 − 𝑇𝑤𝑏  )2
= −

𝐴𝑤𝜌𝑎ℎ𝑚ℎ𝑎

𝑚̇𝑎𝐿
𝑑𝑥 

     (51) 

 
By posing: 
 

{
𝑦 = 𝑇𝑎 −  𝑇𝑤𝑏

𝑁𝑈𝑇 =
𝐴𝑤𝜌

𝑎
ℎ𝑚ℎ𝑎

𝑚̇𝑎𝐿

 
𝑎 = 𝑖𝑓𝑔𝜌

𝑎
ℎ𝑚(𝑐𝑝𝑎 + 𝑐𝑝𝑣𝜔𝑣𝑠)

𝑏 = −𝑐𝑝𝑣ℎ𝑎

 
𝑐 = 𝑖𝑓𝑔

𝑒 = 𝑐𝑝𝑣

  
      (52) 

 
Eq.(51) can be rewritten as follows: 

𝑑𝑦[𝑎 + 𝑏𝑦]

𝑐𝑦 + 𝑒𝑦2
= −𝑁𝑈𝑇𝑑𝑥 

     (53) 

 

The simple element decomposition of the function 
𝑎+𝑏𝑦

𝑐𝑦+𝑒𝑦2 gives: 

 
𝑎 + 𝑏𝑦

𝑐𝑦 + 𝑒𝑦2
=

𝑎 + 𝑏𝑦

𝑦(𝑐 + 𝑒𝑦)
= [

𝑘1

𝑦
+

𝑘2

𝑐 + 𝑒𝑦
] =

𝑘1(𝑐 + 𝑒𝑦) + 𝑘2𝑦

𝑦(𝑐 + 𝑒𝑦)
 

      (54) 

 
𝑎 + 𝑏𝑦

𝑐𝑦 + 𝑒𝑦2
=

𝑐𝑘1 + (𝑘1𝑒 + 𝑘2)𝑦

𝑦(𝑐 + 𝑏𝑦)
 

      (55) 

By identification, the constants 𝑘1 and 𝑘2 are given: 

{𝑐𝑘1 = 𝑎 𝑘1𝑒 + 𝑘2 = 𝑏 →
𝑘1 =

𝑎
𝑐

= 𝜌𝑎ℎ𝑚(𝑐𝑝𝑎 + 𝑐𝑝𝑣𝜔𝑣𝑠)                        

              𝑘2 = 𝑏 −
𝑎𝑑
𝑐

= −𝑐𝑝𝑣ℎ𝑎 − 𝜌𝑎ℎ𝑚(𝑐𝑝𝑎 + 𝑐𝑝𝑣𝜔𝑣𝑠)𝑐𝑝𝑣

 
     (56) 

 
Eq. (53) can be rewritten as: 
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𝑘1𝑑𝑦

𝑦
+

𝑘2𝑑𝑦

𝑐 + 𝑒𝑦
= −𝑁𝑈𝑇𝑑𝑥 

    (57) 

 
Integrating eq.(57) gives: 
 

𝑘1 ∫
𝑦𝑜

𝑦𝑖

𝑑𝑦

𝑦
+

𝑘2

𝑒
∫

𝑦𝑜

𝑦𝑖

𝑒𝑑𝑦

𝑐 + 𝑒𝑦
= −𝑁𝑈𝑇 ∫

𝐿

0

𝑑𝑥 
     (58) 

 

𝑘1 𝑙𝑛 𝑙𝑛 
𝑦𝑜

𝑦𝑖

 +
𝑘2

𝑒
𝑙𝑛 𝑙𝑛 

𝑐 + 𝑒𝑦𝑜

𝑐 + 𝑒𝑦𝑖

 = −𝑁𝑈𝑇 × 𝐿 
     (59) 

 
By replacing the coefficients and variables with their values, we obtain: 
 

𝜌𝑎ℎ𝑚(𝑐𝑝𝑎 + 𝑐𝑝𝑣𝜔𝑣𝑠) 𝑙𝑛 𝑙𝑛 [
𝑇𝑎,𝑜 −  𝑇𝑤𝑏

𝑇𝑎,𝑖 − 𝑇𝑤𝑏

]  − (ℎ𝑎 + 𝜌𝑎ℎ𝑚(𝑐𝑝𝑎 + 𝑐𝑝𝑣𝜔𝑣𝑠))

𝑙𝑛 𝑙𝑛 [
𝑖𝑓𝑔 + 𝑐𝑝𝑣(𝑇𝑎,𝑜 −  𝑇𝑤𝑏)

𝑖𝑓𝑔 + 𝑐𝑝𝑣(𝑇𝑎,𝑖 − 𝑇𝑤𝑏)
]   = −

𝐴𝑤𝜌𝑎ℎ𝑚ℎ𝑎

𝑚̇𝑎

  

      (60) 

 

𝐴𝑤 =
𝑚̇𝑎

𝜌𝑎ℎ𝑚ℎ𝑎

[(ℎ𝑎 + 𝜌𝑎ℎ𝑚(𝑐𝑝𝑎 + 𝑐𝑝𝑣𝜔𝑣𝑠)) 𝑙𝑛 𝑙𝑛 [
𝑖𝑓𝑔 + 𝑐𝑝𝑣(𝑇𝑎,𝑜 − 𝑇𝑤𝑏)

𝑖𝑓𝑔 + 𝑐𝑝𝑣(𝑇𝑎,𝑖 −  𝑇𝑤𝑏)
]  

− 𝜌𝑎ℎ𝑚(𝑐𝑝𝑎 + 𝑐𝑝𝑣𝜔𝑣𝑠) 𝑙𝑛 𝑙𝑛 [
𝑇𝑎,𝑜 −  𝑇𝑤𝑏

𝑇𝑎,𝑖 −  𝑇𝑤𝑏

 ]] 

     (61) 

 
Determination of outlet air temperature: If the exchange surface area is known, then we can solve 
the outlet temperature numerically with computer code. The computer algorithm for this purpose is set 
as follows: 
 

1.  𝑆𝑡𝑎𝑟𝑡 

 
2.   𝐶𝑜𝑛𝑠𝑡𝑎𝑛𝑡𝑠 𝑑𝑒𝑐𝑙𝑎𝑟𝑎𝑡𝑖𝑜𝑛 

 
3.  𝑇𝑎,𝑜 ←  𝑇𝑎,𝑖  

 
4.  𝐸𝑟𝑟𝑜𝑟 ← 1 

5.  𝑊ℎ𝑖𝑙𝑒 (𝐸𝑟𝑟𝑜𝑟 > 0.0001) 

 

6.  𝐸𝑟𝑟𝑜𝑟 ← |𝐴𝑤 −
𝑚̇𝑎

𝜌𝑎ℎ𝑚ℎ𝑎

[(ℎ𝑎 + 𝜌𝑎ℎ𝑚(𝑐𝑝𝑎 + 𝑐𝑝𝑣𝜔𝑣𝑠)) 𝑙𝑛 𝑙𝑛 [
𝑖𝑓𝑔 + 𝑐𝑝𝑣(𝑇𝑎,𝑜 − 𝑇𝑤𝑏)

𝑖𝑓𝑔 + 𝑐𝑝𝑣(𝑇𝑎,𝑖 − 𝑇𝑤𝑏)
]  − 𝜌𝑎ℎ𝑚(𝑐𝑝𝑎 + 𝑐𝑝𝑣𝜔𝑣𝑠) 𝑙𝑛 𝑙𝑛 [

𝑇𝑎,𝑜 −  𝑇𝑤𝑏

𝑇𝑎,𝑖 − 𝑇𝑤𝑏

 ]]| 

 
7.  𝑇𝑎,𝑜 ←  𝑇𝑎,𝑜 − 0.001 

 
8.  𝐸𝑛𝑑 𝑙𝑜𝑜𝑝 

 
9.  𝐷𝑖𝑠𝑝𝑙𝑎𝑦 𝑇𝑎,𝑜 
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10.  𝐸𝑛𝑑 

 
Cooling efficiency: The effectiveness of a DEC system for lowering the inlet airflow temperature is 
measured by its cooling efficiency defined by [22] as follows: 
 

𝜀𝑤𝑏 =
𝑇𝑎,𝑖 − 𝑇𝑎,𝑜

𝑇𝑎,𝑖 − 𝑇𝑤𝑏

 
    (62) 

 
Eq.(55) works well for DEC systems because the cooling process (an adiabatic process) occurs 
nearly at a constant wet bulb temperature of the inlet air. The wet bulb temperature can be computed 
using eq.(63)[20].   
 

𝑇𝑤𝑏 =  2.265 × [1.97 + (4.3 × 𝑇𝑑𝑏,𝑖) + (104 × 𝜔𝑎,𝑖)]
1
2 − 14.85 

      (63) 

 
Saturation efficiency of the system: If the exchange surface area is known, then we can calculate 
the saturation efficiency of the system also known as wet bulb effectiveness. 
 

𝑑𝜔𝑎

𝑑𝑥
=

𝐴𝜌𝑎ℎ𝑚

𝐿𝑚̇𝑎

(𝜔𝑣𝑠 − 𝜔𝑎) 
     (64) 

 

∫
𝜔𝑎,𝑜

𝜔𝑎,𝑖

−𝑑𝜔𝑎

𝜔𝑣𝑠 − 𝜔𝑎

= − ∫
𝐿

0

𝐴𝜌𝑎ℎ𝑚

𝐿𝑚̇𝑎

𝑑𝑥 
    (65) 

 

𝑙𝑛 𝑙𝑛 
𝜔𝑣𝑠 − 𝜔𝑎,𝑜

𝜔𝑣𝑠 − 𝜔𝑎,𝑖

 = −
𝐴𝜌𝑎ℎ𝑚

𝑚̇𝑎

 
    (66) 

 

𝜔𝑣𝑠 − 𝜔𝑎,𝑖 + 𝜔𝑎,𝑖 − 𝜔𝑎,𝑜

𝜔𝑣𝑠 − 𝜔𝑎,𝑖

= 1 −
𝜔𝑎,𝑜 − 𝜔𝑎,𝑖

𝜔𝑣𝑠 − 𝜔𝑎,𝑖

= 𝐸𝑥𝑝 [−
𝐴𝜌𝑎ℎ𝑚

𝑚̇𝑎

 ] 
     (67) 

 

𝜂𝑠𝑎𝑡 =
𝜔𝑎,𝑜 − 𝜔𝑎,𝑖

𝜔𝑣𝑠 − 𝜔𝑎,𝑖

= 1 − 𝐸𝑥𝑝 [−
𝐴𝜌𝑎ℎ𝑚

𝑚̇𝑎

 ] 
     (68) 

 

This equation shows that high saturation efficiency requires a combination of a large exchange 
surface area, a high heat/mass transfer coefficient, and a low mass flow rate. The mass flow rate of 
air is calculated by eq.(69): 
 

𝑚̇𝑎 = 𝜌𝑎 × 𝐴𝑐 × 𝑉𝑎      (69) 
 

Outlet air specific and relative humidity: 
 

The humidity ratio of outlet air is deduced from eq.(68).  
 

𝜔𝑎,𝑜 = 𝜔𝑎,𝑖 + 𝜂𝑠𝑎𝑡(𝜔𝑣𝑠 − 𝜔𝑎,𝑖)       (70) 
 

The moisture content of the saturated air (𝜔𝑣𝑠) is evaluated at the wet bulb temperature using 
equation (71)[20] : 
 

𝜔𝑣𝑠 =
0.622 × 𝑃𝑠𝑎𝑡

101325 − 𝑃𝑠𝑎𝑡

 
      (71) 

 

Where saturation pressure is calculated by[19], [23]: 
 

𝑃𝑠𝑎𝑡 = 105 ×𝑒𝑥𝑝 𝑒𝑥𝑝 {[12.1929 −
4109.1

(𝑇𝑤𝑏 + 273.15) − 35.50
]}  

      (72) 

 



 
 
 
 

Windnigda et al.; Phys. Sci. Int. J., vol. 28, no. 6, pp. 1-20, 2024; Article no.PSIJ.123693 
 
 

 
12 

 

The relative humidity is computed from the 
specific humidity of the outlet air using 
eq.(73)[20]: 
 

∅𝑎,𝑜 =
100 × 𝑃𝑎𝑡𝑚𝜔𝑎,𝑜

𝑃𝑠𝑎𝑡 × (0.622 + 𝜔𝑎,𝑜)
 

      
(73) 

 
Where 𝑃𝑎𝑡𝑚 is the atmospheric pressure and 𝑃𝑠𝑎𝑡 
is the saturation pressure evaluated at the outlet 
air temperature. 
 
Cooling capacity (cc): The cooling               
capacity is the change in air sensible heat           
across the air channels of the DEC and is written 
as: 
 

 𝐶𝐶 = 𝜌𝑎. 𝑉̇𝑎,𝑜. 𝐶𝑝𝑎(𝑇𝑎,𝑖 − 𝑇𝑎,𝑜)      
(74) 

 
Where 𝜌

𝑎
 is the supply air density, and 𝐶𝑝𝑎 is the 

specific heat capacity at a constant pressure of 
the supply air (J.kg-1.K-1).  
 
Water evaporation rate (𝑚𝑒 ): The humidity of 
the dry air increases during its passage through 
the cooling pad due to the mass transfer of water 
vapor to the air. The following equation gives the 
amount of water evaporated (rate of water 
consumption). 
 

 𝑚𝑒 = 𝜌𝑎 . 𝑉̇𝑎,𝑜 . (𝜔𝑎,𝑜 − 𝜔𝑎,𝑖)                             (75) 

 
Where 𝜔𝑎,𝑖 and 𝜔𝑎,𝑜 are the humidity ratios at 

the inlet and the outlet, respectively. 
 
Heat and mass transfer coefficients: Modeling 
evaporative cooling systems presents a 
significant challenge in determining precise 
values for heat and mass transfer coefficients, 
(ℎ𝑎) and (ℎ𝑚). This difficulty arises from the 
intricate fluid dynamics process through a wet 
medium, where airflow is governed by continuity, 
momentum, mass, and energy conservation 
equations.  Consequently, theoretical methods 
for calculating these transfer coefficients are 
likely to be inadequate. The most reliable 
approach remains using correlations based on 
experimental measurements. To calculate the 
heat transfer coefficient, the first step is to 
determine the Reynolds number (𝑅𝑒𝑎) and the 
Prandtl number ((𝑃𝑟𝑎) whose expressions are 
given below[24]: 
 

𝑅𝑒𝑎 =
𝜌𝑎𝑣𝑎𝐷𝑒

𝜇𝑎

 
      
(76) 
 
 

𝑃𝑟𝑎𝑣 =
𝜇𝑎𝑐𝑝𝑎

𝜆𝑎

 (77) 

 

Where 𝜇
𝑎

 is the dynamic viscosity of air (N.s/m2), 

𝜌
𝑎
 is the air density (𝑘𝑔. 𝑚−3), 𝑐𝑝𝑎 is the specific 

heat capacity, 𝜆𝑎 is the heat conductivity 

(𝑊. 𝑚−1. 𝐾−1), 𝑣𝑎 is the air velocity (𝑚. 𝑠−1).  
 

These dimensionless numbers are essential for 
estimating heat transfer coefficients in various 
convection scenarios, as they reflect the fluid's 
flow characteristics and the relationship between 
momentum transport and thermal transport 
capacity. The Reynolds number is used to 
characterize the flow regime (laminar or 
turbulent), while the Prandtl number correlates 
the fluid's viscosity with its thermal conductivity. 
Together, these numbers are used in empirical 
correlations to estimate the Nusselt number, 
which in turn is used to calculate the heat 
transfer coefficient.  
 

Kays [25] developed a correlation for the             
Nusselt number to estimate the heat transfer 
coefficient of air during laminar flow                   
(Re < 2300) inside a duct with a constant wall 
temperature. 
 

𝑁𝑢𝑎 = 3.66 +
0.104(𝑅𝑒𝑎𝑃𝑟𝑎(𝐷𝑒/𝐿))

1 + 0.016(𝑅𝑒𝑎𝑃𝑟𝑎(𝐷𝑒/𝐿))0.8
 

     
(78) 

 

Dreyer et al.[26] employed the following equation 
to determine the heat transfer coefficient within a 
tube under a turbulent airflow regime. 

𝑁𝑢𝑎 =

(
𝑓𝑎

8
) (𝑅𝑒𝑎 − 1000)𝑃𝑟𝑎 (1 + (

𝐷𝑒

𝐿
)

0.67

)

1 + 12.7 (
𝑓𝑎

8
)

0.5

(𝑃𝑟𝑎
0.67 − 1)

 

    
(79) 

 
Where the friction factor 𝑓𝑎 for smooth tubes was 
defined by  
 

𝑓𝑎 = [1.82𝑙𝑜𝑔10(𝑅𝑒𝑎) − 1.64]−2      
(80) 

 
Eq.(79) is valid for the following ranges: 2300 <
𝑅𝑒𝑎 < 106; 0.5 < 𝑃𝑟𝑎  < 104; 0 < 𝐷𝑒/𝐿 < 1 
 
The convective heat transfer coefficient, defined 
below, can be calculated from the above 
equations[27]. 
 

ℎ𝑎 =
𝑁𝑢𝑎. 𝜆𝑎

𝐷𝑒

 
     
(81) 

 
In the same way, the mass transfer coefficient 
(ℎ𝑚) can be determined from eq.(82): 
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ℎ𝑚 =
𝑆ℎ𝑎. 𝐷

𝐷𝑒

 
(82) 

 
Where 𝑆ℎ𝑎 represents the Sherwood number 
and D the mass diffusivity coefficient. As, the 
Nusselt number, the Sherwood number can also 
be obtained by correlation[28]. However, the 
introduction of the Lewis factor makes it possible 
to deduce ℎ𝑚 directly from ℎ𝑎. Lewis factor (𝐿𝑒𝑓) 

different from Lewis number(𝐿𝑒), indicates the 
relative rate of heat and mass transfer during an 
evaporation process. Its expression is given 
below[29]:  
 

𝐿𝑒𝑓 =
ℎ𝑎

𝜌𝑎𝑐𝑝𝑎ℎ𝑚

= 𝐿𝑒
2
3 

(83) 

 

Where 𝐿𝑒 is known as Lewis number and is 
defined as: 
 

𝐿𝑒 =
𝛼

𝐷
=

𝑆𝑐𝑎

𝑃𝑟𝑎

 
(84) 

 

Where 𝛼 is the heat diffusivity coefficient of air 

and 𝑆𝑐𝑎 represents the Schmidt number. 
 

Assuming the Lewis factor as unity, which is the 
same assumption made in previous works 
[30,31], ℎ𝑚 can be calculated if the air heat 

capacity (𝜌
𝑎

𝑐𝑝𝑎) and the convective heat transfer 

coefficient ( ℎ𝑎) are known. This is probably quite 
accurate for air-water vapor systems with low 
evaporation rates at atmospheric pressure within 
simple geometric configurations. Based on this 
assumption, the mass transfer coefficient is 
approximated using eq.(85). 

 

ℎ𝑚 =
ℎ𝑎

𝜌𝑎𝑐𝑝𝑎

 
(85) 

 
Thermophysical properties of air, water, 
vapor, and air-water vapor mixtures: The 
presented physical model needs to be connected 
with psychometric correlation equations that 
calculate the thermodynamic values of the moist 
air. The specific heat, density, conductivity, and 
viscosity of dry air, water vapor, and moist air are 
computed, using temperature-dependent 
correlation equations from[21]. They are 
calculated from the pure component data using 
mixing rules applicable to any multi-component 
mixtures [32]. These correlations are derived 
from theory as well as from numerical fitting 
procedures and give expressions for density, 
viscosity, thermal conductivity, and specific heat 
at the atmospheric pressure and for a 

temperature range from 220 K to 380 K. Since 
the process happens at the atmospheric 
pressure, these psychometric variables used in 
the model are treated as temperature-dependent. 
The correlation equations are sufficiently 
accurate for most engineering calculations in air-
conditioning practice and are readily adapted to 
either hand or computer calculating methods.  
 

Computer calculation procedure: To 
investigate the performance of the proposed 
cooling system, an R software programming 
code is developed based on the above-
mentioned equations following a structural 
approach that involves setting up the simulation 
environment, defining the physical parameters of 
the system and the thermodynamic properties of 
the process air, and applying the relevant 
equations that describe the cooling process of 
the system. A preliminary simulation study is 
performed first to compare the results with 
experimental data to validate the accuracy of the 
model. The goal is to examine the evolution of 
the air temperature and humidity along the wet 
tube channel for different operating conditions. 
Fig. 3 shows the flowchart of the computational 
procedure.  
 

Model validation: Currently, there is no existing 
research specifically focused on modeling tube-
type cross-flow direct evaporative cooling 
systems, which makes it difficult to directly 
validate the accuracy of the present tubular heat 
and mass exchanger model. However, given its 
similar underlying physics to a plate-type 
evaporative cooler, the model can be indirectly 
validated against a plate-type cooler[33]. Using 
comparable parameters, it is reasonable to 
expect that this model could apply to plate-type 
systems as well. 
 

To validate the model, the numerical approach 
developed by Kovačević et al.[34] for a plate-type 
evaporative cooler was used as a benchmark. 
The geometric dimensions of the cooler were 
aligned with those in the Kovačević model, 
maintaining consistent values for the hydraulic 
diameter (3.4 mm) and tube length (9 cm). As 
illustrated in Fig. 4 the predicted outlet air 
temperature from the current model closely 
matches the results from Kovačević et al.’s 
numerical model when either the inlet air 
temperature or relative humidity is varied 
individually, although some deviations were 
observed at specific inlet conditions. The 
maximum discrepancy between the two models 
is less than 4% when the inlet air temperature is 
below 40.0°C. Additionally, while the root mean 
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square deviation (RMSD) remains low overall, it 
tends to increase with higher humidity levels in 

the intake air. 

 
 

Fig. 3. Flowchart of the computational procedure 
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Fig. 4. Validation of our results with the one of Igor Kovačević et al. [34]

3. RESULTS AND DISCUSSION 
 
Understanding the effect of various design 
parameters on cooling performance is critical for 
improving the heat and mass transfer 
characteristics of the exchanger. This section 
investigates the impact of some structural 
parameters using the validated model. The 
parameters under study have been varied while 
keeping the rest constant. The performance 
metrics of the study are the air outlet 
temperature, the sensible cooling capacity, the 
wet bulb effectiveness, and the water 
evaporation rate. 
 

3.1 Influence of Tube’s Geometrical 
Parameters on the Outlet Air 
Temperature 

 
The results depicted in Fig. 5 demonstrate how 
the outlet temperature of a tubular heat and 
mass exchanger is affected by the geometrical 
parameters of the tubes, including equivalent 
diameter, flatness ratio, and length. Firstly, an 
increase in the equivalent diameter of the tubes 
corresponds to a rise in the outlet temperature. 
This inverse relationship aligns with existing 
research, which suggests that larger diameters 
reduce the surface area-to-volume ratio, thereby 
diminishing heat and mass transfer 
efficiency[34]. For instance, Sun et al.[35] found 
that smaller diameters enhance cooling 
performance due to better contact between the 
air and the wetted surface. However, they also 
highlighted the fragility of smaller pipes, leading 
to a recommended inner diameter of 20 mm for 
the prototype after considering these factors. 
Secondly, the flatness ratio, defined as the ratio 
of the tube's width to its height, also impacts the 
outlet temperature. As the flatness ratio 
increases, the outlet temperature decreases. 
This observation supports studies that highlight 
the benefits of flat tubular designs. Flat tubes 
offer a larger surface area for heat and mass 
transfer compared to round tubes with the same 
hydraulic diameter. Gao et al.[36] demonstrated 
that a flat tubular design in a dew-point 
evaporative cooler improves cooling performance 
by increasing the surface area, resulting in lower 
outlet temperatures and better humidity control. 
Lastly, increasing the tube length leads to a 
reduction in the outlet temperature. Longer tubes 
provide more contact time between the air and 
the wetted surface, thereby enhancing 
evaporative cooling and heat transfer. However, 
the graph suggests diminishing returns as the 

tube length continues to increase. This finding is 
consistent with studies that emphasize the role of 
contact time in evaporative cooling.                   
Ramkumar et al.[37] noted that while longer 
configurations improve performance, there is an 
optimal length beyond which additional benefits 
plateau. 
 

3.2 Influence of Tube’s Geometrical 
Parameters on the Cooling Capacity 

 
Fig. 6 indicates that increasing the equivalent 
diameter results in an increase in cooling 
capacity, which is consistent with findings in 
various studies. For example, Li et al. [38] noted 
that higher hydraulic diameters enhance cooling 
capacity due to increased heat transfer exchange 
area. This trend is further supported by the work 
of Sun et al. [14], who found that higher 
diameters can significantly improve heat transfer 
rates in specific applications, such as in compact 
heat exchangers. However, larger equivalent 
diameters can cause a transition from laminar to 
turbulent flow, reducing the Nusselt number and 
heat transfer rates and causing cooling capacity 
to decrease drastically. This phenomenon is 
highlighted in the literature, where turbulent flow 
is shown to reduce the Nusselt number, 
adversely affecting heat transfer rates [39]. The 
impact of the flatness ratio on cooling 
performance is another critical finding. Increasing 
the flatness ratio enhances cooling capacity, as 
flat tubes provide a larger surface area for heat 
exchange compared to round tubes of the same 
equivalent diameter. This observation is 
corroborated by research that emphasizes the 
advantages of flat tubular designs. For instance, 
the study by Hasan et al. [16] demonstrated that 
an oval tubular evaporative cooler outperformed 
plain tubular evaporative coolers due to its 
increased surface area, leading to improved 
cooling metrics. This trend is further supported 
by the work of Cui et al. [40], who found that flat 
tube geometry can significantly improve the 
cooling capacity, while providing superior wetting 
characteristics, leading to better formation of 
water films and more efficient use of water's 
latent heat. Fig. 6 also indicates that longer tubes 
correlate with higher cooling capacity, indicating 
improved cooling performance. This is consistent 
with the literature, which emphasizes the 
importance of extended contact time between the 
air and the wetted surface in enhancing 
evaporative cooling [41]. However, the 
susceptibility of porous ceramics to damage with 
longer tubes necessitates a careful balance 
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between tube length and material durability. This 
aligns with the insights from sun et al. [35] work, 
where the trade-offs between system 
effectiveness and material constraints were 
discussed. 
 

3.3 Influence of Tube’s Geometrical 
Parameters on the Wet Bulb 
Effectiveness 

 
Fig. 7 reveals several key findings regarding the 
impact of geometric parameters on the Wet Bulb 
Effectiveness. Smaller diameters enhance 
cooling efficiency by improving contact between 
the air and wetted surfaces, thus facilitating 
better heat transfer and therefore the Wet Bulb 
Effectiveness. However, increasing the tube’s 
equivalent diameter reduces surface area-to-
volume ratio which lowers heat and mass 
transfer efficiency, resulting in decreased wet 
bulb effectiveness. Moreover, the transition from 
laminar to turbulent flow at larger diameters 

exacerbate performance declines. In contrast to 
the equivalent diameter, higher flatness ratios 
improve wet bulb effectiveness because flat 
tubes offer a larger surface area for heat 
exchange compared to round tubes of the same 
equivalent diameter. For example, it is observed 
that increasing the flatness ratio from 1 (circular 
shape) to 4 greatly expands the surface area-to-
volume ratio, resulting in better Wet Bulb 
Effectiveness. Furthermore, longer tubes 
enhance cooling performance by lowering outlet 
temperatures due to extended contact time 
between the air and the wetted surface, which 
improves the evaporative cooling effect. Adam et 
al. [13] observed a similar trend in their study. 
However, there is an optimal tube length where 
cooling benefits peak, beyond which further 
elongation does not provide significant gains. 
Study by Sun et al. [35] also highlights that 
longer tubes can make porous ceramics more 
susceptible to damage, suggesting a need to 
balance tube length with material durability.

 

 
 

Fig. 5. Influence of tube’s geometrical parameters on the outlet air temperature 
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Fig. 6. Influence of tube’s geometrical parameters on the cooling capacity 
 

 
 

Fig. 7.  Influence of tube’s geometrical parameters on the wet bulb effectiveness
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4. CONCLUSION 
 
This paper presents a study that examines the 
impact of heat and mass exchanger design 
parameters on the performance of a terracotta 
tube-type evaporative cooling system. To 
achieve this objective, a mathematical model 
was developed based on the theory of double 
film and using heat and mass conservation 
principles. The model was validated against 
numerical simulation results from existing 
literature. Simulations were performed under 
various geometrical parameters to assess their 
effects on outlet air temperature, cooling 
capacity, and wet-bulb effectiveness. The key 
findings from this comprehensive analysis are 
summarized as follows:  
 

· Increasing the tube equivalent diameter 
leads to increase in outlet temperature and 
cooling capacity but decreases the Wet 
bulb Effectiveness.  

· The flatness ratio significantly impacts 
cooling performance, with increased 
flatness leading to enhanced cooling 
capacity and improved wet bulb 
effectiveness.  

· Longer tubes correlate with lower outlet 
temperatures, enhance Wet Bulb 
Effectiveness, and higher cooling capacity, 
indicating improved cooling performance. 

 
This study provides valuable insights for 
designing and optimizing tubular evaporative 
cooling systems. It highlights the importance of 
selecting appropriate tube dimensions to achieve 
the desired outlet temperature and cooling 
efficiency. By carefully balancing the hydraulic 
diameter, flatness ratio, and tube length, 
engineers can create compact and effective 
evaporative cooling systems suitable for various 
applications.  
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